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In the present study, heat transfer from a small three dimensional rectangular channel due to turbulent jet
impinging from a nozzle normal to the main flow at the inlet has been investigated. Hemispherical convex
dimples are attached to the bottom plate from where heat transfer calculations are to be performed. Numerical

simulations were performed using the finite volume method with SST k£ —® turbulence model. The duct and
nozzle Reynolds number are varied in the range of J0000<Rep <50000 and 6000<Re; <12000,

respectively. Different nozzle positions (X/D = 10.57, 12.88, 15.19) along the axial direction of the rectangular
duct have been considered. It has been found that higher heat transfer is observed at X/D = 10.57 as compared to
the other positions. The heat transfer enhancements with and without cross-flow effects have also been compared.
It has been shown that the heat transfer rate with cross-flow is found to be much higher than that without cross-
flow. Also, the effect of dimples on the heated surface on heat transfer was investigated. The heat transfer is
found to be greater in the presence of a dimpled surface than a plane surface.
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1. Introduction

The main focus of the present study is heat transfer from a mini-channel. One of the most prominent
industrial applications for this type of studies is electronics cooling. In electronic devices, very small area is
available for heat transfer. So, cooling of electronic devices is a great challenge owing to higher operational
speed and higher power density. Simple jet impingement or forced convection is not sufficient to transfer the
required heat to safeguard the electronic components. Many researchers have investigated heat transfer
prediction through mini-channels experimentally as well as numerically. Forced convective cooling is very
effective and widely used in many applications [1-3]. Sudo et al. [4, 5] studied single-phase convective heat
transfer characteristics between upward and downward flows through a narrow rectangular channel (2.25%x40
mm) by varying the Reynolds number (Re) in the range from /00 to 40.000 and Prandtl number (Pr) from 3.5
to /0. They observed that heat transfer in the downward flows has a lower heat transfer coefficient than that
for the upward flows. Use of fins on the heated surface along with the forced convection augments more heat
transfer in comparison to convection cooling only. Dewan et al. [6-7] performed a computational study for
the thermal analysis of a rectangular channel with circular pin fins and tapered fins (2’ and 4”). They showed
that RNG k-¢ turbulence model with standard wall functions is suitable for this type of flows. It is also
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shown that at low inlet velocities (<5m/s), straight circular pin fins provide more hear transfer. But, for inlet
velocities more than 5 m/s, tapered fin with 2° taper angle provide better heat transfer. Re in the range 550 to
685 are the best for operating a compact heat exchanger. Wang et al. [8] performed experiments as well as
numerical simulations for the flow and heat transfer characteristics inside a rectangular channel with
different shaped fins (i.e. circular, elliptical and drop-shaped). They summarized their findings as “more
streamlined drop-shaped pin fins were better at delaying or suppressing separation of the flow passing
through them, which decreased the aerodynamic penalty compared to circular pin fins. The heat transfer
enhancement of the drop-shaped pin fins was less than that of the circular pin fins. In terms of specific
performance parameters, drop-shaped pin fins are a promising alternative configuration to circular pin fins”.
Chyu et al. [9] investigated the cubic- and diamond-shaped pin fin arrays for inline as well as staggered
arrangements. They found that heat transfer is higher in cubic pin fin arrays and the diamond pin fin array
induced high pressure losses for both type of configurations.

Juckerman and Lior [10] showed that compared with conventional forced convection cooling, jet
impingement produces heat transfer coefficients that are up to three times higher at a given maximum flow
speed. This happens because the impingement boundary layers are much thinner, and most often the flow
after the impingement makes the surrounding fluid turbulent. The impingement cooling approach also offers
a compact hardware arrangement. So, it is suitable for use in mini-channels. Many research [11-16] studies
show that heat transfer augmentation occurred by the jet impingement on a heated surface. The heat transfer
performance of an array of jet impinging on a surface with dimples has been investigated experimentally by
Kanokjaruvijit and Martinez-Botas [17]. They showed that the impingement heat transfer performance was
better at larger nozzle distance. Heat transfer is augmented when a plane surface is replaced with the concave
and convex surfaces [18].

In practical applications, a hybrid cooling method comprising of a turbulent flow at inlet along with a
cross flow from a nozzle at the top wall is used. Such interaction results in a rather complex flow field by
the generation of coherent vortical structures, and these vortices play a dominant role in the mixing of fluids
[19]. As suggested by Sparrow et al. [20], the leading parameters determining the jet impingement heat
transfer in cross flow are (a) the velocity ratio (ratio of jet velocity and cross flow velocity, nozzle-to-surface
spacing and the jet diameter. Air impingement cooling with a circular jet in a cross flow was investigated
experimentally [21-22]. They found that the heat transfer coefficients were lower than those reported in the
literature for an impinging jet in the absence of cross flow. Enhancement of heat transfer from a small
rectangular channel with different surface protrusions (i.e. rectangular, triangular and trapezoidal ribs) with
cross flow approach was investigated numerically by Barik et al. [23]. They found that the heat transfer
enhancement rate is greater in triangular ribs compared to other two ribs. Jet impingement heat transfer by
using a rib with cross flow approach using liquid crystal thermography was investigated experimentally by
Wang et al. [24]. They showed that at a lower velocity ratio (ratio of nozzle velocity and inlet velocity), a
more pronounced effect on heat transfer enhancement was found.

From the above discussion, it is clear that the heat transfer enhancement from a hemispherical
convex dimpled surface with cross flow approach has not yet drawn much attention of researchers. In the
present study, therefore, an attempt has been made to investigate the heat transfer augmentation by
implementing the above hybrid scheme. The jet position, duct and jet Reynolds number have been varied to
study their effects on the heat transfer from a heated surface.

2. Computational domain and mathematical modelling

A square duct has been considered in the present investigation (Fig.1). At the inlet, air enters at a
velocity, U;, and atmospheric temperature, T... A square nozzle is placed at the top surface of the duct, which
impinges air to the main duct flow. This cross flow pattern will enhance the mixing which in turn increases
the heat transfer from the heated surface (bottom surface of the duct). The heated surface (constant
temperature condition) contains convex dimples (dimensions shown in Fig.2) to study the effect of the
dimples on heat transfer. An extra length of 10 times the hydraulic diameter of the duct has been considered
upstream as well as downstream to ensure a fully developed flow and to reduce the effect of backflow at the
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duct exit, respectively. The computational domain is meshed as shown in Fig.3. The meshes on the duct
inlet, nozzle inlet, bottom surface with convex dimple surface and pressure outlet are shown for the sake of
clarity. Unstructured meshes have been adopted to mesh the entire surface. The X-axis passes through the
centre of the duct. The square cross section has one side, b= 0.005 m

Duct [Velocity inlet)

Nozzle
0.005m

[welocity inlet) H

Pressure

0.15m

RE

0.0105m

Fig.2. Convex dimple surface geometry.
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(e)

Fig.3. Meshing of a computational domain (a) duct inlet (b) nozzle inlet (c) duct outlet (d) isothermal wall
(e) expanded view of the mesh at the convex dimple surface.

2.1. Governing equations
Simulations are performed for a steady, 3-D and turbulent incompressible flow. Reynolds time-

averaged equations for continuity, momentum, energy are written as follows:
Continuity equation

Wi _y. @.1)
Oox;
Momentum equation
oU; oP 0 ( . )
L=+ —(2uS., —pUU.|, 2.2
pj@xj ox;  Ox; Moy ~PYi 22

Energy equations

pUja_Tzi(ia_T_pT'uUj}. (2.3)
ox; ox;|c,0x;

The strain rate tensor is defined as

- oU;
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where p, A and C, represent the molecular viscosity, thermal conductivity and specific heat at constant
pressure for the working fluid (air). Here, air is assumed to be incompressible. P is the mean pressure, 7 is

the mean temperature and U; is the mean velocity. 7 and U; are the fluctuating temperature and velocity,

respectively. The Reynolds stress (—pU ,UJ) and the turbulent heat flux (—pU;T ) terms are appeared due to

Reynolds time averaging and these terms need to be closed by using the appropriate turbulence model. In the
present study, the SST k& —® model has been implemented. The Reynolds stress is modelled as

— 2
where k denotes the turbulent kinetic energy and p, represents the eddy viscosity.
The turbulent heat flux is defined as
oW orT
—pU.T =2t 2= 2.6
pU; Pr, ox, (2.6)

Here, Pr, denotes the turbulent Prandtl number. Expressions for the turbulence kinetic energy (k)

and specific dissipation of turbulence kinetic energy (® ) are written as follows

i(pkU,.)zi wo e | Ok +min(PK,10p[3*kco)—pB*ko), (2.7)
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The eddy viscosity is modeled as

k 1
=p—. 2.9
M, pm 1 SF, (2.9)
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(X,* al(l)

The modulus of the mean rate of the strain tensor S is defined as V (25;S)).
The turbulent viscosity is damped by the coefficient o .
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The blending functions, F; and F, are given as F;=tanh(J 14) and Fy=tanh(J 22)
@ 1=min[max(N/0.090y, 500u/py’®), 4pK/c4:D v], & =max [2VK/0.09wy, 500u/py’o].
In & ;and &, terms, y is the distance to the next surface. The positive portion of cross-diffusion is

represented by DOJ; = max [2p/c,; ® Ox/Ox; Ow/0x;, 1 0. The production of turbulence kinetic energy is
defined as

P.=-pUU,—L. (2.11)

For an incompressible flow, term B in Eq.(2.7) is equal to B; which is defined as follows

4
5 g 4/]5+(Ret/1213) | 012
1+(Re,/ Ry)

Closure constants in SST k—® turbulence model are given as follows
a. =1, B,=009, B=0.075, o,=1.176, =2, o.=I,
6u.=1.168, R.=6, a;=0.3]1 and Ryg=$.
2.2. Boundary conditions
At duct inlet
U= U, T=T,=300 K.
At nozzle exit
V=-Vy, T=T,=300K
The turbulence intensity at the duct inlet and nozzle exit is set as 2%.

U, and V;, are calculated from the value of the Reynolds number at the duct inlet and nozzle exit.

The duct Reynolds number, Re,, = M
n

pVind

The nozzle Reynolds number, Re, =
Here, D and d are the hydraulic diameter of the duct and nozzle, respectively.
At adiabatic walls
U=V=w=0.

Heat flux for an adiabatic wall is zero. So, the temperature gradient along the normal direction is
zero. The mathematical representation of this boundary condition is
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oT
=A—=0.
1 on

At heated wall

U=v=w=0, T=T,=2373k
Here U, V and W are the velocity components in the x, y, and z direction, respectively.
At duct outlet

P=prP, and T=T,

where, P, and T, are the ambient pressure and temperature, respectively. The standard wall function of
Launder and Spalding [25] has been used to link the solution variables at near-wall cells to the corresponding
quantities on the wall.

3. Numerical methodology

The commercial CFD package ANSYS-Fluent /5.0 was used for the numerical simulation of the
present problem. The diffusive terms of the governing equations were discretized using the second-order
central difference scheme and the convective terms were discretized using the second order upwind scheme.
For pressure—velocity coupling, SIMPLE algorithm has been employed. The convergence criteria for all the
equations except the energy equation are set to /0”. A stricter convergence criterion of 70~ has been
employed for energy equation. The SST k—® turbulence model is more appropriate for modelling the
flows, which involve flow separation and reattachment due to the adverse pressure gradient. In the present
study, the flow separation and its reattachment is expected because of the dimpled surface. Therefore, the
SST k—m model is preferred over the standard k—® and k—¢& models. To model the principal stress
through the SST k& —® model, the turbulent viscosity has been modified by incorporating blending functions
(F; and F) and mean strain rate.

140 | | Sleicher & /4
i Rous>< Sieder & Tata [27]
120 - Present
- CFD
100
° Dittus & Boelter [28] m<
580 | \
=2
P4
60 | Sleicher &
Rouse [26]
40
o Present CFD
20 I 1 1 L 1 1 1 1
5000 15000 25000 35000 45000 55000

Rep

Fig.4. Average Nu vs. Re: Comparison between present CFD and existing correlations.
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The present numerical scheme is validated with Sleicher and Rouse [26] correlation, Sielder and Tate
[27] correlation as well as Dittus-Boelter correlation [28] for a turbulent flow in a 3D pipe (diameter 0.026 m
and length 0.67 m). A grid sensitivity test has also been carried out and it is found that a grid size of 42.800
cells predicted the surface Nusselt number reasonably well with the correlation by Sleicher and Rouse [26]
as shown in Fig.4.

76
75 | ’\
i Grid independent (276750
® 74 |
(]
S L
4
i Re,= 20,000
BT Re,=6000
T,/T, =1.243
72 1 1 1 1 1 1 1 1 1 1

10 15 20 25 30 35 40
No.of cells x 10000

Fig.5. Effect of number of cells on average Nusselt number.

A grid sensitivity test for the present computational domain (i.e. dimpled surface in the presence of a
cross flow jet) is shown in Fig.5. It can be seen that average Nusselt number (Nuavg) is increased by 0.53%
as the number of cells increases from 225.000 to 276.750. The increase in the Nusselt number is insignificant

(0.14%) on further increasing the numbers of cells. Thus, 276.750 cells are used as a grid independent mesh
for the present study.

4. Results and discussion
In the present study, the heated surface with a convex dimpled surface as well as plane heated surface

(without dimples) is compared for the thermal performance. The major parameters affecting the heat transfer from
the heated surface are the axial position of the nozzle on the top wall (X/D), duct Reynolds number

H H
duct and nozzle, respectively. Also, U,, and u,, are the mean flow velocities in the duct and nozzle, respectively.

(Re D= P U’”D] and nozzle Reynolds number (Re q= Py d j . Here, D and d are the hydraulic diameters of the

For a rectangular cross section of width a and height b, hydraulic diameter = 2ab/(a+b)
The local heat transfer coefficient has been calculated as

(5
qw ay at wall

h= = 2.13
T,-T T,-T, @13)

w m

where g, is the wall heat flux, K is the thermal conductivity of air and 7, is the bulk temperature defined as
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D/2
J- pC U, Trdr
T, =755 (2.14)
I pC U, rdr
Here, r=D/2.

The overall heat transfer coefficient is calculated as
g = [ hax 2.15)
avg L .

where & and x are the local heat transfer coefficient and axial coordinate, respectively.
The average Nusselt number is expressed as

h,.,D
Nu=-"2&_. (2.16)
K

4.1. Effect of nozzle position on Nusselt number for convex dimple surface

Different axial locations of the nozzle (position 1: X/D =10.57, position 2: X/D= 12.88 and position 3:

X/D =15.19) are considered. Figure 6 shows the variation of average Nusselt number (Nu ) with duct

avg
Reynolds numbers (Re D) for different nozzle positions. It is shown that the Nusselt number has been

increased with the duct Reynolds number. It is due to forced convection effect. As the velocity of the fluid
increases, turbulence eddies are formed where the boundary layer breaks away from the wall and mixes with
the bulk fluid. Mixing becomes more intense as fluid velocity increases and hence, heat transfer also increases.

140 B Mozzle Position:
[ —+— 1%/ =10.57)
120 |—=—2[%/D =1238)

3 (%/D =15.19)

?usiﬁﬂn

100 |
o L
=
m
=
= B0 1 2 3
isothermal wall
60 - 0 T
Re d 6000
40 k L
5000 25000 45000
Rep

Fig.6. Variation of average Nusselt number with duct Reynolds number.
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The nozzle Reynolds number (Rey) is fixed and duct Reynolds number (Rep) is varied from 70.000
to 50000. It has been observed that the Nusselt number increases linearly with the duct Reynolds number for
different positions of the nozzle. With respect to the position of the nozzle, high heat transfer occurred for
the nozzle closer to the inlet (position 1) of the duct. At duct Reynolds number equal to /0000, the average
Nusselt number has been found to be 20.73% and 42.1% more in comparison to the other two nozzle
positions. Velocity and temperature contours are shown in Fig.7 for different positions of the nozzle. It is
observed from Fig.7a that the duct and nozzle flows are mixed with each other before reaching the convex
dimpled surface. The dimples reduce the cross section of the flow and consequently the flow is accelerated
so that high velocity gradients are seen in the upstream of the convex dimple surface. The flow then finds a
sudden expansion in the downstream which leads to a reverse flow because of which a recirculation zone is
created. The strong recirculation zone helps in bringing more cold fluid from the main stream and effectively
mixes with the hot fluid. Therefore, the heat transfer rate increases. When the nozzle is placed at position 1,
the duct flow pushes the flow from the nozzle towards the downstream direction so that a stronger
recirculation zone is created towards the downstream direction of the entire convex dimple surface which is
shown in Fig.7a.

(b)

(©)

Fig.7. Velocity contours at Rep= 10.000, and Res~6000
Nozzle position 1 (Fig.a); Nozzle position 2 (Fig.b) and Nozzle position 3 (Fig.c).

For nozzle position 2, the high energy created due to cross flow comes in contact only with the last
dimple surface along the mean flow of the duct (Fig.7b). Therefore, heat transfer is less compared to nozzle
position 1. No dimples comes in contact with the high energy cold fluid created due to cross flow for nozzle
position 3, which leads to least amount of heat transfer compared to other two positions of the nozzle. Due to
high heat transfer at position 1, it is chosen for further studies.
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4.2. Effect of duct Reynolds number and nozzle Reynolds number for convex dimpled surface

Figure 8 illustrates the effect of the nozzle Reynolds number on the average Nusselt number. It is
clear from the figure that at lower duct Reynolds number (i.e. Rep =/0000 and 20000), the Nusselt number
has been increased by 59.8% and 32.8%, respectively, when the nozzle Reynolds number is increased from
6000 to 12000. Also, the Nusselt number increased with the duct Reynolds number. For example, at
Rep=6000, the Nusselt number was increased by /2/% as the duct Reynolds number is increased from
10000 to 50000. This proves that the Reynolds number plays a very important role in the heat transfer
prediction in such type of flows.

200
B —e—ReD =10000
i —H—ReD =20000
ReD =30000
ReD =40000
i —4=—ReD =50000
150 |, ) " —
- -
= -
]
= -
=
100
o Mozzle position:
. X/D=10.57
L T,/ Te=1.243
5{: L i i i i i i i i i i i i i i i L i i
5000 7000 3000 11000 13000
Rey

Fig.8. Average Nusselt number vs. nozzle Reynolds number at various duct Reynolds numbers.

However, at higher duct Reynolds number, the rate of increase of the Nusselt number reduced. It has
been observed that the Nusselt number is increased by 0%, 3.9% and 2.2% for the duct Reynolds number of
30000, 40000 and 50000, as the nozzle Reynolds number is varied from 6000 to 12000. This is due to the
fact that the high momentum of the duct flow (at high duct Reynolds number) blows the low momentum
fluid from the jet. Thus, the low momentum jet fluid is not able to reach the hot surface to transfer heat from
it. So, there is no appreciable variation in the Nusselt number with the nozzle Reynolds number at higher
duct Reynolds number. The results of Fig.8 can be better explained by plotting the velocity contours. The
flow from the nozzle as well as the main flow superimposed and produced a net flow which is responsible
for the overall heat transfer from the hot dimpled surface. In Fig.9, it is seen that the nozzle fluid touches the
bottom hot surface, and thus, the heat from the bottom isothermal surface is transferred by the combined
convective effect of the main fluid as well as the jet fluid. However, in Fig.9b, it is observed that the nozzle
fluid is blown with the main flow as the duct Reynolds number is increased. An intense blow off of the
nozzle fluid is seen at higher duct Reynolds numbers (Figs 9c - d). Therefore, it is evident that the nozzle
flow is blown away by the high momentum of the main flow without reaching the hot surface for higher duct
Reynolds numbers. Hence, the effect of nozzle flow is not felt at the bottom and no appreciable change in
heat transfer happened.
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(©) (d)

Fig.9. Velocity contours in the X-Y plane at Res=6,000 for (a) Rep= 10000; (b) Rep=20,000; (c) Rep= 40000;
(d) Rep=50000.

4.3. Effect of dimple surface and cross flow on heat transfer

The cross flow effect is compared with no cross flow effect on the heat transfer prediction. Here,
without cross flow means no jet flow. The variation of the average the Nusselt number with the duct
Reynolds number is plotted on Fig.10 for cross flow and without cross flow. For Rep =/0000, the Nusselt
number is enhanced by 46.5%. For higher values of Rep , an increase of Nusselt number lies in the range -
10%. With the help of a cross flow, the turbulence level inside the duct increases creating a stronger
recirculation zone. The recirculation zone brings more cold fluid from the duct main stream and effectively
mixes with the hot fluid, thereby increasing the heat transfer rate.

160
| —+— CrossFlow

140 I —8— Without Crossflow
120 |
Re, = 6000
glﬂﬂ B
-
=

80 | T/ Ta=1.243

60

40 i Il i 1 i Il i Il i
5000 15000 25000 35000 45000 55000

Re;

Fig.10. Effect of cross flow on heat transfer prediction.



Heat transfer enhancement from a heated plate ... 139
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Fig.11. Effect of dimpled surface on heat transfer prediction.

Figure 11 shows the effect of the dimple surface on the prediction of average Nusselt number for different
value of the duct Reynolds number. It is observed that addition of dimples on the flat plate affects the heat transfer
rate. It increases considerably. This happens due to the fact that addition of dimples increases the exposed surface
area for heat transfer. Also, addition of dimples acts as an obstacle to the inlet flow, which increases the
turbulence. As we know turbulence increases mixing, which results in an increase in the heat transfer rate.

‘ Temperature: 280 285 290 295 300 305 310 315 320 325 330 335

Fig.12. Temperature contour of flat plate attached with (a) No dimple and (b) hemispherical dimples.

Also, the edge of the dimple thins the boundary layer and enhances heat transfer between the flat
portions between the dimples. When the jet impinges on the hemispherical dimples, the recirculation effect is
more pronounced. It is well known that the thinner boundary layer is capable of dissipating more heat as
compared to a thicker boundary layer. A lower temperature in the inter protrusion gaps can be seen from the
Fig.12 due to higher velocity magnitudes so that the fluid from the main flow can be drawn rigorously at
higher momentum into these regions to enhance the heat transfer rate. Hence, the inter protrusion spacing as
well as the size of the convex dimples play important role in the rate of heat transfer enhancement.
Optimization for these parameters along with the nozzle and duct Reynolds number will be helpful in
obtaining maximum possible heat transfer.

5. Conclusions

CFD simulations for heat transfer prediction from a mini rectangular duct were performed with a
hemispherical convex dimple surface with cross flow. Results were also compared with a plane surface and
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without cross flow. The major parameters such as the nozzle position, duct Reynolds number and nozzle
Reynolds number were considered to investigate their effect on the average heat transfer from the rectangular
channel. Enhancement of heat transfer is found to be more, when the cross flow approach is adopted instead of
the non-cross flow approach. It was observed that heat transfer is found to increase significantly by the addition
of convex dimples on the flat surface. The cross flow effect drastically increased heat transfer when compared
to no cross flow. When the nozzle is positioned at a distance /0.57 times the hydraulic diameter of the duct
from the inlet, maximum enhancement of heat transfer from the hot surface took place compared to other two
positions of the nozzle (i.e. X/D =12.88 and 15.19). For a constant nozzle Reynolds number (Re;~6000), the
average Nusselt number is improved by /48.7%, when the duct Reynolds number is varied from 70,000 to
50,000. Heat transfer increased with an increase in the duct as well as Nozzle Reynolds numbers.

Nomenclature

¢, —specific heat
D —hydraulic diameter of duct
d — hydraulic diameter of jet
h — local heat transfer coefficient
k — turbulent specific kinetic energy
Nu — Nusselt number
P — pressure
Pr — Prandtl number
Re — Reynolds number
T — temperature
U — fluctuating velocity
U' - average velocity
A — thermal conductivity
K, — dynamic viscosity
p — Eddy viscocity
p — density
o — specific dissipation of turbulent kinetic energy
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